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Abstract

This paper presents a model able of predicting the working temperature of the hydraulic fluid
in the case volume and outlet port of axial piston machines. For the first time the working
temperature is estimated accounting for the power losses associated with the fluid flow in the
lubricating interfaces, the churning motion of the oil in the machine case and the losses due
to the compressibility of the hydraulic fluid. The paper illustrates a thorough comparison
between the calculated and the measured case and outlet port temperatures for steady state

operation of the axial piston machine.
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1 Introduction

Current advanced developments in the fluid power systems
technology, such as displacement controlled actuation, power
split and hydraulic hybrid transmissions, use variable dis-
placement axial piston units directly as control element. The
units are therefore forced to operate over a much wider range
of operating conditions compared to standard load sensing
and similar systems, in terms of speed, displacement and dif-
ferential pressure. These types of applications expect the axial
piston unit to maintain a very high efficiency under extremely
varying operating conditions, introducing a significant chal-
lenge for the designers. The performance and level of en-
ergy dissipation in axial piston machines is determined by the
design of the rotating group and the design of the three main
lubricating interfaces between piston and cylinder, cylinder
block and valve plate and slipper and swash plate.

A cross section of the rotating group of a swash plate type
axial piston machine is represented in 1. The main lubric-
ating interfaces between parts in relative motion are high-
lighted The lubricating interfaces represent a key design ele-
ment, because they have to fulfill simultaneously a bearing
and a sealing function: the film of lubricant is fundamental to
properly support the high oscillating external loads, avoiding
metal to metal contact, but the clearance between the parts
is subjected to leakages of lubricant from high to low pres-
sure regions and also to viscous dissipation associated with
the fluid flow. The lubricating interfaces are most of the times
the major source of power losses. A deep understanding of
the behavior of the fluid film in these interfaces will allow
for improved designs, which can rise the overall axial pis-
ton machine efficiency especially at partial load conditions,
through computational design. Research towards computa-
tional design of positive displacement machines has made
major progresses in the recent years. The computer aided
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Figure 1: Three main lubricating interfaces in swash plate
type axial piston machines.

design of axial piston machines has seen substantial develop-
ments and it is starting to gain a fundamental importance in
industry. Nevertheless, recent studies ([1], [2]) have demon-
strated that a reliable and accurate prediction of the lubricat-
ing interfaces performance can be achieved only if different
physical phenomena are coupled together. Moreover, latest
studies pointed out that the thermal behavior of the lubric-
ating interfaced is particularly critical for two reasons. First,
the solution of the non-isothermal fluid flow is fundamental to
correctly estimate the viscosity of the lubricant and therefore
the load carrying ability of the interface; second the temper-
ature distribution in the machine solid parts during operation
of the units causes thermal deflections which are of the same
order of magnitude of the fluid film thickness, leading to sub-
stantial modifications of the geometry of the resulting fluid
film. Advanced fluid structure interaction models are able of



capturing the described phenomena, but one of their current
limits is the definition of the boundary conditions to be ap-
plied in the thermal analysis. The prediction of the lubricat-
ing interfaces performance is extremely sensitive to the tem-
peratures of the surrounding material and depends strongly on
the temperature of the case and machine ports. Usually these
temperatures are known from measurements, but during the
design of new units such information is not available. The
goal of the author’s research study was to develop a model,
which can predict the temperature of the fluid in the case and
at the outlet port of the machine for a given inlet temperature
of the fluid while the machine runs under steady state con-
ditions. The in this paper presented model represents a new
important step towards computational design of pumps and
motors.

2 Heat exchange in the axial piston machine

The case and the outlet volumes are represented in Fig. 2. The
case volume is defined by the hydraulic fluid filling the ma-
chine’s housing, the outlet control volume by the hydraulic
fluid in the high pressure port and in all the displacement
chambers connected with it. The temperature is assumed to be

[ Case control volume
I outlet control volume

=

Figure 2: Definition of the control volumes

uniform throughout the volumes and since steady state condi-
tions apply, the time variation is not of interest. The overall
heat exchange can therefore be reduced to a lumped parameter
representation. Each control volumes, exchanges mass, work
and heat with the exterior, as illustrated schematically in Fig.
3. The mass flow rate r1; entering in the machine through the
inlet port is then transferred to the outlet volume. If the unit
works as a pump, and some load is applied, work is made
by the displacement volume to pressurize the fluid. When a
pressure difference is present between the two ports, the out-
let mass flow rate r1, will differ from the inlet mass because of
different source of volumetric losses. The mass flow 7 , rep-
resents the total external leakage (or case flow) resulting from
leakage flow between pistons and cylinders, cylinder block
and valve plate and between slippers and swash plate. An-
other important source of loss impacting the effective outlet
flow is caused by the non ideal timing of the valve plate com-
bined with the compressibility of the fluid, which generates
a backflow from the outlet port to the displacement cham-
ber, as illustrated in . The dotted line indicates the theoretical
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Figure 3: Schematic of the heat and mass transfer in the axial
piston machine.
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Figure 4: Effect of oil compressibility on the outlet mass flow
rate associated to one displacement chamber.

dimensionless outlet mass flow associated with one displace-
ment chamber, which is just a function of the kinematics of
the machine; the solid line depicts the actual dimensionless
mass flow. The difference between the two lines is due to the
fact that when the displacement chamber opens to the valve
plate port the fluid is at lower pressure and therefore a back-
flow occurs with an impact on the effective outlet mass flow
rate. Furthermore, depending on the valve plate design, the
inlet and outlet ports can be connected through the displace-
ment chamber; in this case an amount of fluid is not properly
delivered because it flows back from the high to the low pres-
sure port; this volumetric loss is called internal leakage. The
rate of mass associated with compressibility and internal leak-
age is indicated with 7;; in Fig. 3

The heat transfer is included with a quite simple approach,
considering forced convection between displacement and case
volumes, natural convection and radiation between machine’s
housing and ambient. The governing equation is the expres-
sion of the energy conservation for an open system: with ref-
erence to the schematic of Fig. 5, the following equation ap-
plies for each control volume

Y siihi — Y tighy +Q —W =0 (1)



In Eq. 1 s is the mass flow rate, & the enthalpy, Q is rate of
heat flow into the control volume and W is the rate of work
done by the control volume. Figure 3 illustrates a schematic
representation of the heat and mass flows associated with the
axial piston machine operation. In the next two sections Eq.
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Figure 5: Schematic representation of the mass, heat and
work exchanged by a control volume

1 will be applied to the outlet and case control volumes, gen-
erating a system of two equations in the two unknown tem-
peratures in the case 7, and outlet volumes 7,,.

2.1 Energy balance for the outlet control volume

The outlet control volume is defined as the volume enclosed
by the outlet port and the volume of all the displacement
chambers connected with it. Assuming pumping operation,
after being compressed, the mass flow taken from the inlet
is partially lost through leakages in the lubricating interfaces
and is then delivered at the outlet. Regardless of whether the
mass flow leaves the volume as leakage or actual discharge
flow its thermodynamic state is the same, being defined by
the conditions at the outlet. Therefore, the two summations in
Eq. 1 can be written as follows:

it (hi - ho) (2)
The enthalpy’s differential can be expressed as follows
oh dh
dh= |5z ) dT d 3
(), (@)

The first term in Eq. 3 is the definition of specific heat capa-
city at constant pressure, while it can be demonstrated [3] that
the second term is related to the volumetric expansion of the
fluid. Equation 3 can therefore be rewritten as a function of
pressure and temperature as follows

dh:cpdTJr(lfyT)Lj)p

— “)
where c), is the specific heat capacity at constant pressure, ¥
is the fluid’s coefficient of volumetric expansion and p is the
fluid’s density. Equation 4 can be approximated to express a
finite difference and applied to the case of Eq. 2 as follows

(pi — po)

hi—ho % cp (Ti—T,) + (1= ¥T;) 5)

i

The outlet control volume also exchanges work with the fluid:
if the unit operates as a pump, work is made on the fluid by
the pumping action of the pistons; if the unit operates as a
motor, work is done by the pressurized fluid on the pistons.
In both cases the rate of work can be expressed as follows
. Pi— Do

=m;

6
pi ©

W:ﬁvon( pa)
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where p, is the pressure in the displacement volume, f3 is the
displacement angle (in percentage with respect to the max-
imum value), Vj is the geometric displacement of the unit and
n is the speed of the unit. The work is negative in pumping
mode and positive in motoring mode. In this way, according
to Eq. 1, the energy content of the fluid in the control volume
increases in the first case and decreases in the second case.
In Eq. 6 it is assumed that exactly half of the z displacement
chambers are actually part of the outlet control volume.

Regarding the heat transfer, it is assumed that the heat is ex-
changed with the cylinder block and the end case through
forced convection. The rate of heat flow has been expressed
through the Newton’s law of cooling as follows:

chv = Z0pc (ABC +Aoc) (Tc - To) (7)

where Apc is the average area of one displacement chamber
which exchanges heat with the cylinder block body over one
shaft revolution and A, is the inner surface of the outlet port;
Opc is the average convection coefficient associated with the
fluid flow in these surfaces. The fluid temperature is 7, and T
is the temperature of the wall. The temperature of the inner
surface of the displacement chambers and outlet port is indeed
unknown, but it is reasonable approximation to assume that
they are at the same temperature of the fluid in the case.

By combining Eq. 5, 6 and 7 the energy balance for the outlet
control volume yields:

+ (Pi—Ppo) .
pi

— Do
Pi

| (8)
. Di
i

+ZOCDCAZ)C (Tc - To) - =0

In case of motoring mode operation, the pressurized region is
the inlet and the leakage will occur mostly there. Therefore,
the mass flow of interest is the outlet one and Eq. 9 changes
as follows:

(pi po)

T, Cp(Ti_T) (I_YZ)

€))

+zapcApc (T, — T,) —

It shall be noticed that the work done on the fluid has an op-
posite sign in case of pumping or motoring mode operation.
In the first case that contributes to raising the outlet temperat-
ure, while in the second case to lower it.

2.2 Energy balance for the case control volume

The case control volume is subjected to two major heat
sources: the heat coming from the viscous dissipation asso-
ciated with the fluid flow in the lubricating interfaces and in
the heat generated due to the rotation of the cylinder block
and pistons in the oil filled case. On the other hand, heat is re-
moved from the case volume thanks to different heat transfer
phenomena.

The first cooling effect is determined by the external leak-
age 1y o5 the situation is sketched in Fig. 6 in the case of
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Figure 6: Schematic representation of the external leakage
Sflow through the cylinder block valve plate interface and the
heat exchange between solid parts and the hydraulic fluid in
the case.

the cylinder block valve plate interface. When the leakage
flow enters in the case, its temperature is different from the
temperature in the high pressure port, because during its path
through the lubricating interfaces it is heated up by the vis-
cous friction. However, for practical calculation, it is reas-
onable to assume that the temperature of the leakage flow is
not affected by the viscous dissipation and therefore that the
hydraulic fluid enters into the case volume at the same tem-
perature of the outlet port, 7,; to compensate for this approx-
imation it is assumed that all the heat generated in the lubric-
ating interfaces is transferred to the solid parts. The rate of
heat flow carried out by the external leakage is expresses as
follows

Ql,ext = ml,ext [Cp (To - TC)]

The case volume is subjected to natural and forced convec-
tion. The forced convection is generated by the fresh oil flow-
ing from the inlet to the outlet port through the displacement
chambers and it was already introduced in the previous sec-
tion during the analysis of the heat exchange of the displace-
ment volume, Eq. 7. This second cooling effect actually takes
place inside the cylinder block, valve plate and end case bod-
ies, rather inside the oil in the case. Nevertheless, since it was
assumed that all the heat generated by viscous friction in the
lubricating interfaces is transferred to the solid parts in the ro-
tating kit, it is reasonable to think this convection effect just
as part of the total heat which is not transferred to the fluid in
the case. In this way the rate of heat flow associated with this
cooling action is expressed with Eq. 7, but with opposite sign

(10)

. Z _
chv = _EaDC (ADC +Aoc) (Tc - Ta) (1 1)

Natural convection is assumed for the heat exchange of the
outer surface of the machine case with the ambience. The
associated rate of heat flow is expressed as follows:

anv = _ahAh (Tc - Ta) (12)
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The natural convection coefficient can be estimated with the
correlation for natural convection over a vertical plane [3].

o, = 0.478Gr"? (13)
where the Grashof number is defined as follows
L3 (T. — T
Gr = w (14)

V2T,

where L is a characteristic dimension of the housing, g the
gravity acceleration and v the kinematic viscosity of the air.
A value of about 25 W/m?K is usually a good estimate for
natural convection.

Thermal radiation is the last effect which impacts the case
temperature. Even though radiation heat transfer is propor-
tional to the difference of the fourth power of the absolute
temperatures, it is usually the smallest contribution to the
overall heat exchange, but it is not small enough to be totally
neglected. The expression for the radiation heat transfer is the
following:

Or = —0eA, (T}~ T;) (15)
The energy balance for the case control volume becomes
therefore the following:

1y ext [cp (T, — 1) — oA (T, — T,)
T,+T,
2
+ Dy + D+ Pp e+ Py =0

—zQpcApc (T - ) —oeA (T} -T))  (16)

The rate of heat flow associated with the viscous dissipation in
the piston / cylinder interface is represented by ®,, .; analog-
ous definitions apply for &, and .., for the slipper / swash
plate and the cylinder block / valve plate interface, respect-
ively. The rate of heat flow associated with churning losses
were instead indicated with ®_,. The calculation of these
sources of heat will be discussed in detail in sections 3.2 and
3.3. Furthermore it shall be noticed that the entalphy differ-
ence does not include the term related with the fluid compres-
sion, since the oil enters and exits from the case volume at the
same pressure.

2.3 Calculation of the case and outlet temperatures

Equations 9 and 16 define a system of two equations with
the two unknowns 7, and 7. Due to the non-linearity of the
equations an iterative procedure has been used to solve the
problem.

3 The estimation of the power losses in the
axial piston machine

Axial piston pumps and motors are affected by two sources
of power loss: mechanical and volumetric losses. As already
anticipated in section 2 volumetric losses are represented by
external and internal leakage and by the effect of the oil com-
pressibility. Mechanical losses occur due to friction in the
lubricating interfaces, churning losses, drag due fluid flow
from inlet to outlet and losses in shaft bearings and seals. In



this study the losses associated with drag and the losses in
shaft bearings and seals are neglected, i.e. only the two ma-
jor sources of mechanical losses are considered; losses due to
friction in lubricating interfaces and churning losses.

Since the oil temperature in the case and displacement volume
is affected by many of the aforementioned losses, this section
illustrates how they are calculated through computer simula-
tion. In this way the results of this study can be presented
into a bigger picture, which extends to the prediction of the
machine’s overall efficiency.

3.1 Prediction of the effective outlet flow and associated
volumetric losses

The prediction of the effective volumetric flow rate and volu-
metric losses due to compressibility, non ideal timing and in-
ternal leakage are based on a lumped parameters approach.
The control volume in this case is defined just by the fluid in
the displacement chamber, as illustrated in Fig. 7. The actual
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Figure 7: Modeling approach used to predict the lubricating
interface performance in axial piston machines.

volumetric flow delivered by the displacement action of the
pistons is Q,;. However, additional volumetric flows leave the
control volume in form of leakage through the piston / cylin-
der interface Qpc;, cylinder block / valve plate interface Qcy;
and and slipper / swash plate interface Qgs;. The sum of these
leakage flows for all the displacement chambers determines
the volumetric external leakage flow:

Ole= Z (Opci+ Qcvi + Ossi) 17
=1

Changes in the amount of fluid in the control volume lead to
changes in the displacement chamber pressure ppc as indic-
ated by the pressure build-up equation:

dppc _
dr

(Qri — Qpci — Qcvi — Ossi) (18)

K
Vv
where K is the bulk modulus of the hydraulic fluid and V is the
instantaneous volume of the chamber. The volumetric flow
Q,; can be thought as a sum of the volumetric flow coming
from the inlet Q; and the volumetric flow heading to the out-
let Q,. These two volumetric flows depend on the pressure
differentials between the displacement chamber and the rel-
ative ports and are modeled with the equation describing the
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turbulent flow through an orifice

Qri = Qri,i + Qri,o =
2 N
=A;ap,; Msgn (ppc —pi)+ (19)
o) _
+A,0p.o Msgn (PpC — Po)

In Eq. 19 ap; and ap, are the discharge coefficients, while
A; and A, are the orifice areas, determined by the geometry of
the valve plate.

The combination of Eq. 18 and 19 allows the instantaneous
pressure in the displacement chamber and the effective outlet
flow to be calculated over one shaft revolution. More details
about the modeling approach and the solution method can be
found for example in [4]. Figure 8 illustrates the predicted
volumetric outlet flow for a 75 cc unit at 2000 rpm and 300
bar of differential pressure. The combined effect effect of
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Figure 8: Effective and theoretical outlet flow for a 75 cc unit,
at 2000 rpm,maximum displacement angle and 300 bar of dif-
ferential pressure.

compression loss, internal leakage and backflow due to non
ideal timing (shown in Fig. 4 for one displacement chamber),
determines an average volumetric outlet flow rate Q, . that is
lower than the theoretical Q,,,. The power loss associated
with this lower volumetric flow rate is calculated as follows

Pl,ci = (Q()Jh - Ql,e - Qo,e) AP (20)

3.2 Prediction of power losses in the lubricating inter-
faces of axial piston machines

The prediction of the energy dissipation and leakage flows in
the three lubricating machine interfaces (piston/cylinder, cyl-
inder block/valve plate and slipper/swash plate) represents an
extremely difficult problem because the fluid film thickness
is determined by the combined effect of a variety of phys-
ical phenomena. Recent works of the author’s research group
have demonstrated that the fluid film behavior can be pre-
dicted with good level of accuracy only when multiphysics
simulation model are introduced [1], [5], [6] for the piston
/ cylinder interface, [7], [8] for the slipper / swash plate in-
terface and [9], [10], [2] for the cylinder block / valve plate



interface. The three interfaces are subject to the same phys-
ical phenomena and therefore can be modeled using the same
basic structure.

An overview of the modeling approach is represented in Fig.
9. Four main modules, coupled together, account for all the

Solid body Thermal
temperature deflections
y Solids temperature (Thermal loads)
Fine element Finite element
models to model to calculate
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)
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finite volume method.

Figure 9: Modeling approach used to predict the lubricating
interface performance in axial piston machines.

main physical phenomena in the lubricating interfaces. The
first module solves for the non-isothermal fluid flow in the
lubricating interfaces, the governing equations are the Reyn-
olds and the Energy equations. The Reynolds equation is
solved iteratively by changing the normal squeeze term until
the external loads on the solid parts are balanced by the pres-
sure field in the lubricant. A modified version of the standard
Reynolds equation has been derived, in order to account for
any alteration of the surfaces in contact with the clearance and
to allow the viscosity to change along the film. Furthermore,
the fluid viscosity is calculated with experimentally derived
correlation and it is estimated as a function of pressure and
temperature. The energy equation accounts for conductive
heat transfer between fluid film and solid parts, convective ef-
fects determined by the fluid velocity field and heat generation
due to the viscous dissipation; this last term is fundamental
for the present work and it will be discussed with more detail
later. Thanks to the solution of the non-isothermal fluid flow,
the main oil properties (pressure, temperature, viscosity, velo-
city) can be calculated as function of the operating condition;
this allows for the load carrying ability, leakages and torque
losses to be estimated for all the three lubricating interfaces.

From the knowledge of the pressure field, the elastic deform-
ations of the solid parts are calculated using an in house fi-
nite element solver. The deformations of the surfaces in con-
tact with the lubricant are extracted and used to correct the
film thickness in the fluid flow module. However, pressure
and deformation mutually influence each other and therefore
a converged solution can be found only by solving a fluid
structure interaction problem or, more precisely, an elasto-
hydrodynamic lubrication problem. This is achieved thanks to
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a partitioned fluid structure interaction algorithm: two separ-
ate solver are used for the fluid mechanic and the solid mech-
anic problems and the solutions are coupled together through
the interface between fluid and structure; an under-relaxed it-
erative procedure ensures the convergence of the solution.

Also the heat transfer is characterized by an interaction
between the lubricating interface and the solids. In the solu-
tion of the Energy equation the surface temperatures of the
solid parts are important boundary conditions that strongly
affect the calculated temperature field. On the other hand, the
mechanical dissipated in the fluid flow generates heat, which
heads to the solid parts. The rate of heat flow released by
the viscous friction can be calculated using the mechanical
dissipation function for a Newtonian fluid [3]. The typical as-
sumptions that the lubrication theory allows to make, simplify
the expression of the mechanical dissipation as follows:

du\? v\ ?
D, = — —
a=H <3Z> - (32)
D, = @ 2_|_ ﬂ 2+4<u)2+(v)2
a=H I\ 3z 07 3\r r
In Eq. 21 the first expression is used for a Cartesian refer-
ence frame, the second for a cylindrical reference frame; u

and v are fluid velocity components along the film and z is the
direction of the film thickness.

From Eq. 21, the heat fluxes towards the solid parts can be
calculated and applied as boundary conditions to solve for
the temperature fields in all the parts of the rotating kit. A
finite element solver based on the Galerkin formulation of
the finite element method has been specifically developed for
this purpose. From the knowledge of temperature fields in
the solids, the thermal loads associated to the temperature in-
duced strains are calculated through the coefficient of linear
expansion of the materials. The resulting thermal deflection
of the solid parts are determined thanks to finite element cal-
culation. Likewise the elastic deformation due to pressure,
the deflections deriving from the thermal expansion affect the
fluid film thickness with substantial modification of the fluid
film behavior.

The whole model requires many iterations to reach a con-
verged solution, because just the external loads on the parts
can be calculated a priori; all the other variables have to be
guessed and updated iteration after iteration. The described
modeling approach is quite complex and certainly a thorough
description is out of the scope of this paper; more detailed in-
formation is addressed to the publications mentioned above.

Using the above very briefly described modeling approach the
energy dissipation taking place during steady state operation
of the machine can be calculated for all three interfaces ac-
cording to Eq. 19. In addition the case flow resulting from all
three interfaces can be accurately predicted. These values are
used as inputs for the in this paper presented model.

3.3 Prediction of the churning losses in the machine case

The rotation of the cylinder block together with the reciproc-
ating motion of the pistons in the case filled with hydraulic



fluid generate power loss, which is usually referred as churn-
ing loss. The two major contributions to churning losses are
illustrated in Fig. 10.

Fluid flow associated
with the pistons and
slippers rotation

Fluid flow associated
with the cylinder
block’s rotation

Figure 10: Two main sources of churning losses.

In order to estimate churning losses as a function of the pump
design and the working speed, the following model is pro-
posed.

3.3.1 Churning losses due to the cylinder block rotation

To determine the power loss due to the rotating cylinder block
in the oil filled case, the following assumptions have been
made:

o the internal shape of the housing can be well approxim-
ated with a cylinder or, in other words, the cylinder block
and the internal region of the housing are conformal sur-
faces;

o the flow is laminar and no major eddies are present. In
this way, since the fluid flow is determined by the drag-
ging effect of the cylinder block rotation, the only non
zero component of the fluid velocity is in the circumfer-
ential direction.

These conditions are usually a reasonable simplification of the
problem and lead to acceptable results. With reference to Fig.
11, recalling Eq. 21, when the above mentioned conditions
are applied the expression of the viscous dissipation becomes

d n\1*
®g=p|ro- (%) (22)
ar \r
Furthermore, the expression of the oil velocity is
Rp+1t—
v=0Rg <¥> (23)

where @ is the cylinder block’s angular velocity and ¢ the
thickness of the gap between cylinder block and internal sur-
face of the case. The mechanical dissipation per unit volume
can therefore be defined as

2
M) (24)

D, = [.L(qu%; < Ryt
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Figure 11: Schematic representation of the flow field between
cylinder block’s outer surface and housing’s inner surface.

The dissipation associated with all the volume of the fluid
enclosed by the cylinder block and the housing is determined
by the following integral

Rp+t Ryt 2
B = / QLU RS <z—3t) rdr (25)
Rp

The result of the integration is the following expression

2
Rp+1 t
Doy = —2TLUORY ( B;L ) In (1 T H) (26)

By defining the Reynolds number as

. WRptp
u

Rp+1\> t
(B ()

The thickness of the gap ¢ is usually small and Eq. 26 reduces
to the following expression

Re Q27

Eq. 26 becomes

2nLp ®3R3
Re

q)ch,cb =

3p4
2nLp®° Ry

Re 29)

cI)ch,cb ~

3.4 Churning losses due to the pistons and slippers mo-
tion

The fluid flow determined by the motion of the pistons and
slippers is less likely to meet the conditions listed in the previ-
ous section. The pistons and slippers are subjected to friction
and pressure drag. However, since the pistons are very closed
to each other in circumferential direction, the pressure drag
component can be neglected in first approximation, because
each piston is shielding the next, located downstream with re-
spect to the rotation direction. This effect is shown schemat-
ically in Fig. 12. The problem can be addressed by following
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Figure 12: Schematic representation of the flow field between
piston & slipper assemblies and the housing’s inner surface.

the same procedure illustrated for the cylinder block churn-
ing losses, by defining the radius Ry as the outer radius of the
slippers, as shown in Fig. 12. Nevertheless, in this situation
is reasonable to expect that turbulence is likely to occur.

As suggested by [11], a modified version of Eq. 29 can still
be applied for the calculation of the mechanical dissipation
under turbulent flow, if the skin friction coefficient C;(Re) is
properly estimated. For the laminar case it was C; = Re/2,
while in general

@y = CqnLp &R (30)

In this work the skin friction coefficient was calculated ac-
cording with the correlation proposed by [12]:

(s

1
—— =2.04+1.781n
VCq
The combination of Eq. 30 and 31 allowed reasonable res-
ults to be achieved; however, the effect of turbulence will be
further investigated in future studies.

€1y

Figure 13 illustrates the dependence of churning losses upon
the speed of the machine for a 75cc swash plate type axial
piston pump. The trend in Fig. 13 is in very good agreement
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Figure 13: Total churning losses versus machine’s speed for
a 75 cc swash plate axial piston unit.

with the results found in [13], where the authors measured the
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difference in input power between full and dry case operation
for 233 cc bent axis unit with 45° angle.

4 Results

This section presents a simulation study for a 75 cc unit of
current production. The steady state performance of the unit,
together with the case and outlet temperature were predicted
for the two operating conditions listed in Table 1 and com-
pared with steady state measurements.

Table 1: Definition of the operating conditions considered in
the present study.

OC T;[C] n[rpm] p;[bar] p,[bar] Ap [bar] B [%]
1 525 1000 20 320 300 100
2 52.5 2000 20 320 300 100

Before the presentation of the simulation results, a brief dis-
cussion about the estimation of the performance parameters
from the steady state measurements is given in the next sec-
tion.

4.1 Steady state measurements and data analysis

Tables 2 and 3 summarize the results of the steady state meas-
urements for the two operating conditions listed in Table 1.
The measurements were conducted following the specifica-
tions found in [14].

Table 2: Steady state measurement data for OCI.

Measured quantities Value  Unit
Ap Pressure differential 299.8 bar
n Speed 1006 rpm
0, Effective volumetric outlet flow rate 66.4  l/min
Q. Case volumetric flow rate (external leakage) 1.8 1/min
M; Input torque 3714 Nm
T; Inlet temperature 52.5 °C
T, Outlet temperature 57.1 °C
T. Case temperature 64.9 °C
Derived quantities Value  Unit
Vi Derived displacement 72.8  cclrev
Py Theoretical input power 36.6 kW
Qo Theoretical volumetric flow rate 73.2  l/min
M, Theoretical torque 347.3  1/min
P, Output power 332 kW
P o  External leakage power loss 0.90 kW
P Mechanical power loss 2.54 kW
P Power loss due to Compressibility & internal leakage 24 kW
Pisor  Total power loss 59 kW

The derived displacement was determined through the Toet
method, for more details see [15]. The theoretical input
torque and the theoretical volume flow rate were calculated
through the derived displacement volume as follows

ApVy
2

oV,

oth = o

Mi i = (32)



Table 3: Steady state measurement data for OC2.

Measured quantities Value  Unit
Ap Pressure differential 299.8 bar
n Speed 2008 rpm
0, Effective volumetric outlet flow rate 139.2  1/min
[0 Case volumetric flow rate (external leakage) 2.5 1/min
M; Input torque 3769 Nm
T; Inlet temperature 53.2 °C
T, Outlet temperature 57.3 °C
T. Case temperature 72.5 °C
Derived quantities Value  Unit
\Z Derived displacement 74.1  cclrev
P Theoretical input power 74.3 kW
Qosn Theoretical volumetric flow rate 148.8  1/min
M, Theoretical torque 353.5 V/min
P, Output power 69.7 kW
Ppo  External leakage power loss 1.2 kW
P Mechanical power loss 49 kW
P ;i  Power loss due to Compressibility & internal leakage 3.4 kW
Py Total power loss 9.6 kW

The theoretical input power and the actual output power were
derived according to Eq. 33:

(33)

P = oMy, Py, =ApQ,

The external leakage and mechanical losses were calculated
as follows

Pl.l,e =ApQ. Pl,mh = (Mi 7Mi,th) 34

The power loss due to compressibility and internal leakage
were calculated using Eq. 35 considering the difference
between the theoretical volumetric flow rate

Pl,ci =Ap (Qo,th -0 — Qu) (35)

4.2 Simulation results

Tables 4 and 5 summarize the simulation results for the two
operating conditions listed in Table 1. The simulation were
run with the same inlet temperature, speed and differential
pressure of the corresponding measurement.  For both the
operating conditions the prediction of the overall perform-
ance of the axial piston unit is in excellent agreement with
the measurements.

The simulation model tends to underestimate the case flow
with an error of about 20%, which is reasonable considering
the complexity of the prediction of the fluid film thickness
discussed in Sec. 3.2. The outlet flow is predicted almost
exactly; the simulation model also matches quite well the
compressibility and internal leakage losses, which represent
a very important source of power loss of the unit.

Looking at the total mechanical loss, the simulation predic-
tions are lower than the values derived from the measured
data, but this is justified by the fact that the simulation model
does not account for the additional mechanical losses in the
machine. Moreover, the value calculated from the measure-
ments is affected by the derived displacement in Eq. 32,

Table 4: Simulation results for OCI.

Simulation input Value  Unit
Ap Pressure differential 300.0 bar
n Speed 1000.0  rpm
T Inlet temperature 52.5 °C
Simulation predictions Value  Unit
0, Volumetric outlet flow rate 67.2 1/min
Py mnpc - Mechanical loss p/c 0.610 kW
P mnss  Mechanical loss s/s 0.250 kW
P v Mechanical loss c/v 0.430 kW
P cn Churning losses 0.052 kW
P Total mechanical loss 1.375 kW
Ole Total external leakage 1.34  l/min
P External leakage loss 0.67 kW
P i Compressibility & internal leakage loss ~ 3.32 kW
Pitor Total power loss 5.36 kW
T, Outlet temperature 56.3 °C
T. Case temperature 63.4 °C
Table 5: Simulation results for OC2.
Simulation input Value  Unit
Ap Pressure differential 300.0 bar
n Speed 2000.0  rpm
T; Inlet temperature 53.2 °C
Simulation predictions Value  Unit
Q, Volumetric outlet flow rate 140.5  V/min
P npc Mechanical loss p/c 0.97 kW
Py unss  Mechanical loss s/s 0.55 kW
P yncv Mechanical loss c/v 1.06 kW
P cn Churning losses 0.340 kW
P i Total mechanical loss 2.92 kW
Qe Total external leakage 2.00 I/min
Pe External leakage loss 1.00 kW
P i Compressibility & internal leakage loss ~ 3.92 kW
P ior Total power loss 7.84 kW
T, Outlet temperature 56.0 °C
T: Case temperature 74.0 °C
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which is just an approximation of the actual displacement of
the machine, not an exact number. For example, just 1 cc/rev
of difference in the derived displacement can change the de-
rived mechanical loss of more than 500 W. The maximum
error on the outlet and case temperature predictions is below
the 2 °C overall, which confirms a remarkable accuracy of the
thermal model.

In order to further confirm the fidelity of the developed model,
the case and outlet temperatures were predicted for a fixed
speed of 2000 rpm and a variety of differential pressures.
The comparison between the measurements and the simula-
tion results are illustrated in Fig. 14 and 15.
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Figure 14: Comparison of the predicted and measured outlet
temperature for maximum displacement, 2000 rom and differ-
ent operating pressures.
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Figure 15: Comparison of the predicted and measured case
temperature for maximum displacement, 2000 rom and differ-
ent operating pressures.

Also in this case the maximum error between the simulation
and measurements is limited to 2 °C. This not only further
confirms the validity of the thermal model, but also highlights
the ability of the fluid structure interaction model for the lub-
ricating interfaces to predict with high accuracy the mechan-
ical losses. If this was not the case, major discrepancies would
have been observed between simulation and measurements.
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5 Conclusion

A thermal model for the prediction of the temperature in
the case and outlet port of axial piston machines under
steady state operation was described. The thermal model was
coupled with simulation models for the estimation of the ef-
fective flow rate of the machine and for the prediction of the
performance of the three main lubricating interfaces.

The prediction of the overall machine efficiency and the work-
ing temperature in the outlet and case volumes was in very
good agreement with the measurements, for many different
operating conditions. The developed model has confirmed
that the accuracy required for virtual prototyping of axial pis-
ton pumps and motors has been successfully achieved.
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Nomenclature

Symbols Denotation Unit
z number of pistons (]

m mass flow rate [keg/s]
0 rate of heat flow [J/s]
14 rate of work [J/s]
P power [J/s]
4 pressure [Pa]
n rotational velocity [rpm]
w angular velocity [rad/s]
Ap pressure differential [Pa]
T temperature [°C]
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u dynamic viscosity [Pa s]
\Y kinematic viscosity [m3/s]
p density [kg/m?]
h enthalpy [J/kg]
cp specific heat capacity [J/kg°C]
a convection coefficient [W/m2°C]
Y volumetric expansion coeff. (1
B swash plate angle [%]
Vo displacement volume [m3/rev]
Vy derived displacement volume [m3/rev]
@) volumetric flow rate [m3/s]
A area [m3/s]
K isothermal bulk modulus [Pa]
\%4 volume [m3]
D, mechanical dissipation [W]
Cy drag coefficient [
L cylinder block length [m]
Rp cylinder block outer radius [m]
Rg slippers outer radius [m]
t radial gap between cylinder block [m]
and housing
Re Reynolds number [
Subscripts  Denotation
i inlet
o outlet
c case
h housing
a ambient
th theoretical
1 loss
mh mechanical
ci compressibility and internal leak-
age
DC displacement chamber
PC piston / cylinder interface
cv cylinder / valve plate interface
SS slipper /swash plate
ch churning
nev natural convection
fev forced convection






